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Abstract: The recent trends in the automotive industry have enforced chassis solutions beyond the reach of conventional systems.  
Thus, extending the functionality of passive hydraulic dampers is vital in improving their effectiveness while maintaining low production  
and operating costs. This paper presents a general structure of a passive shock absorber with so-called frequency-dependent (FD)  
damping characteristics and points to constitutive elements of the valves used in this type of an adaptive damper. A mathematical  
description of FD damper is provided together with a model developed in the Siemens AMESim environment. The performance  
of the model was verified against the data from tests with a real, commercially available FD shock absorber. Furthermore, in order  
to emphasise its efficiency, the authors have carried out a study involving quarter car models (QCM) with and without the FD damper,  
respectively. The results have clearly shown major advantages of utilising FD dampers in a suspension. 
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1. INTRODUCTION 

In general, motor vehicles are subjected to constant vibrations 
of a random nature, the source of which are road irregularities and 
driving manoeuvres. Vehicle dampers that are used in suspen-
sions systems are aimed at providing sufficient amount of damp-
ing, and thus satisfying level of driving comfort as well as good 
handling and roadholding of a vehicle. However, it is known that 
these criteria are most often contradictory, and the level of damp-
ing in the suspension is the result of a compromise between 
smooth ride and adequate motion control [1, 2]. The reason for 
this conflict can be well understood by analysing exemplary 
transmissibility function of a classic one degree of freedom (1-
DOF) harmonic oscillator. As one can see in Fig. 1, an increase in 
damping coefficient reduces or even eliminates the resonant peak 
corresponding to the sprung mass natural frequency. On the other 
hand, higher damping degrades isolation from road inputs at the 
higher frequency excitations. Thus, high damping is required in 
the suspension system for frequencies below the invariant point of 

ω0√2, while above this frequency low damping would be most 
beneficial [3]. This conflict is amplified by the fact that the vehicle 
suspension consists of sprung mass and several unsprung mass-
es, which differ by an order of magnitude. Due to such a signifi-
cant difference, each of these masses needs different damping 
forces to be tuned optimally. Wheel vibrations, usually of high 
frequency but small amplitude, require less damping forces than 
vibrations of a vehicle body, which are characterised by low fre-
quency and high amplitude [4, 5]. It becomes obvious that for the 
overall improvement of vehicle dynamics, damping dependent on 
current operating conditions of the suspension should be used 
with particular emphasis on operation frequencies. 

 
Fig. 1.   Displacement transmissibility function of a 1-DOF harmonic  

oscillator: H(jω) – the ratio of input and output amplitudes,  
ω – excitation frequency, ω0 – natural frequency, ζ – damping 
coefficient. 1-DOF, one degree of freedom 

One common way of making the damper operation dependent 
on the excitation frequency (or the excitation change rate in gen-
eral) is the use of active or semi-active systems utilising electronic 
controls. Some benefits of such systems have been described in 
the works of Nguyen et al. [6], Slaski [7] and Pletschen et al. [8]. 
However, such solutions are relatively expensive and thus una-
vailable to ordinary car owners. Obviously, far more affordable 
technologies would rely on passive valving systems configured for 
the desired functionality. This category includes both displace-
ment-sensitive dampers (DSD) and amplitude-sensitive dampers 
(ASD) [9, 10]. Notable DSD examples include, for instance, the 
works of Lee and Moon [11], Hazaveh et al. [12] and Ilbeigi et al. 
[13]. Such dampers allow for the position dependency of the 
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damping force in order to increase ride comfort at low amplitude 
inputs while keeping sufficient body control at high amplitude 
inputs. It should be noted, however, that such valving systems 
operate well only when the damper’s relative displacement ampli-
tude oscillates around their design positions where the DSD fea-
ture are usually located. If the initial position of the suspension 
changes significantly as in the case of a loaded vehicle, it may 
exhibit unexpected and disadvantageous behaviours. This short-
coming seems to be avoided when ASD valving systems are 
used. With these systems, the damping level depends on the 
amplitude of the suspension movement, regardless of the initial 
position; low damping is provided for low-amplitude inputs but 
whenever damper travel exceeds a certain amount, damping 
increases significantly. The ASD examples are described by 
Łuczko and Ferdek [14], Łuczko et al. [15], Gołdasz [16] and 
Zhang et al. [9] . ASD systems, however, are not free of disad-
vantages, namely, a sudden change in the level of forces related 
to the full use of the working range of elastic elements involved, 
increased noise or a large number of additional components [9]. 
Moreover, due to the time delay needed to reach high damping 
forces, they can negatively affect the vehicle’s steering system 
response. Some authors, for example, Nie et al. [17] carried out 
attempts to achieve even more sophisticated damper characteris-
tics and thus bringing the passive damper’s performance closer to 
that of the active one. Xu et al. [18] presented a damper with a 
variable moment of inertia to improve vehicle chassis dynamic 
characteristics. Finally, Sikora [19] proposed a tuned mass damp-
er in order to achieve improved dynamic characteristics with no 
apparent negative impact on the steady-state performance. It 
must be noted, however, that real implementations of such con-
cepts usually require difficult-to-realise technological solutions. 

Based on the above considerations, it can be concluded that 
the optimal solution to achieve both high levels of comfort (or 
isolation from road inputs) and driving performance is a suspen-
sion damper possessing variable damping characteristics, inde-
pendent of the suspension position, providing reduced damping 
forces at high-frequency and low-amplitude inputs, but at the 
same time delivering ‘normal’ levels of damping forces at low 
frequency and high amplitude excitations. These requirements 
seem to be met by frequency-dependent (FD) dampers [20, 21]. 
With these dampers, they behave as typical, passive dampers at 
low frequencies and gradually decrease the magnitude of their 
output at the higher ones. An in-depth review of available and 
patented solutions in this area was carried out by Franczyk et al. 
[10]. The authors have shown that most FD-like valves on the 
market have been developed as add-on system in parallel to the 
main valves usually operating in the rebound portion of the damp-
er’s working cycle. In rare cases, the FD valve is integrated into 
base (foot) valve assemblies of twin-tube dampers [21]. 

It is acknowledged by the authors that the term ‘frequency-
dependent valve’ may be misleading; the reader should refer to 
Dixon [22] for further discussion on the topic. In the essence, FD 
type valves are pressure-rate dependent valves. In the presented 
study, the authors simply follow the nomenclature used by auto-
motive OEMS and other parties involved in the development of 
the FD technology in passenger vehicles.  

To summarise, the purpose of this work is to provide a com-
plete, functional math model of the FD damper, which can be-
come the basis for further component level parametric studies. 
The authors claim that their proposed valve architecture is suffi-
cient to copy the operating principles of most FD damping sys-

tems. The model is verified experimentally to ensure that it is 
capable of reproducing the characteristics of a real FD shock 
absorber. To the best knowledge of the authors, no such model of 
the valve has been presented so far and so it is novel. The sec-
ond goal is to examine the impact of the FD damper on the com-
fort and safety of a car. 

2. MATERIALS AND METHODS 

This subsection presents both the method of modelling the FD 
shock absorber as well as the performance of a quarter model of 
a car equipped with this type of shock absorber. 

2.1. Passive twin-tube FD damper 

In this paragraph a model of a twin-tube, passive adaptive ve-
hicle damper is presented and developed. The damper’s structure 
is shown simply in Fig. 2. As shown, the piston and rod assembly 
(A) divides the inner volume into the compression chamber (B) 
and the rebound chamber (C). The reserve chamber (D) is formed 
by the volume between the inner and the outer tubes. The base 
valve (E) further separates the oil volume in the reservoir from the 
compression chamber. The volume of the rebound (upper) cham-
ber is Vr and the pressure in the chamber is pr. Similarly, the 
volume of the compression chamber (below the piston) is Vc and 
the compression pressure is referred to as pc. Moreover, the gas 
pressure is pg, and the volume Vg. While in compression, the oil 
flows from the compression chamber to the rebound chamber 
and, in a volume equal to the volume of the piston rod being 
forced into the damper, to the reserve chamber. In the rebound 
(upward) stroke the flows are reversed. The references volumetric 
flow rates are marked in Fig. 2 by means of the following abbrevi-

ations: 𝑄𝑃𝑉𝑐  – flow rate between the chambers (B) and (C) 
through the compression side shim stack of the piston valve, 
𝑄𝑃𝑉𝑟  – flow rate between the chambers (C) and (B) through the 

rebound side shim stack of the piston valve, 𝑄𝑃𝑉𝑂 – flow rate 
through the constant area orifice in the piston valve assembly 
linking directly the chambers (B) and (C), 𝑄𝐵𝑉𝑐  – flow rate be-
tween the chambers (B) and (D) through the compression side 

shim stack of the base valve assembly, 𝑄𝐵𝑉𝑟– flow rate between 
the chambers (D) and (B) through the rebound side shim stack of 

the base valve assembly, 𝑄𝐵𝑉𝑂 – flow rate through the constant 
area orifice located in the base valve. The model assumes the 
presence of the FD valve assembled within the piston valve and 
arranged to operate specifically in the damper’s rebound stroke, in 
parallel to the main rebound valve (𝑄𝐹𝐷). The FD valve, in gen-
eral, utilises the basic operation principle of conventional damper 
valves which means it can be considered as a shim or blow-off 
valve whose opening depends on the pressure difference across 
it. The main difference, however, is that it is additionally controlled 
by pilot pressure, which causes its hardening or softening depend-
ing on the pressure rate in the main rebound chamber of the 
shock absorber. The presented solution corresponds to most 
commercial architectures of the FD valves and incorporates the 
following three characteristic elements: the accumulator chamber 
of variable volume, the constant area control orifice (CO) located 
at its inlet and a pressure-controlled relief valve operated as a by-
pass in parallel to the main rebound valve [10]. The hydraulic 
scheme of the described piston valve assembly is shown in Fig. 3. 
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Fig. 2. Diagram of the analysed FD damper 

 
Fig. 3. Hydraulic circuit of the piston valve assembly 

To start with, taking into account the compressibility of the oil, 
both rebound and compression pressures (pr, pc) can be calcu-
lated using the following expressions [23]: 

{
  
 

  
 𝑝𝑟̇ = 𝛽

(𝐴𝑝−𝐴𝑝𝑟)𝑥𝑟̇−𝑄𝑃𝑉

𝑉𝑟
      

𝑝𝑐̇ = 𝛽
−𝐴𝑝𝑥𝑟̇+𝑄𝑃𝑉+𝑄𝐵𝑉

𝑉𝑐
      

𝑉𝑟 = 𝑉𝑟0 + (𝐴𝑝 − 𝐴𝑝𝑟)𝑥𝑟
𝑉𝑐 = 𝑉𝑐0 − 𝐴𝑝𝑥𝑟                

 

                                                (1–4) 

where β refers to the oil bulk modulus, 𝐴𝑝 and 𝐴𝑝𝑟 are the cross-

section areas of the piston and piston rod, respectively, 𝑉𝑟  and 𝑉𝑐  

are the volumes and 𝑉𝑟0 and 𝑉𝑐0 are the initial volumes of the 
rebound and compression chambers, respectively, 𝑥𝑟  is the dis-
placement of the damper body with respect to the piston rod and 

𝑄𝑃𝑉  and 𝑄𝐵𝑉  denote the total oil flow rates through the piston 
valve and the base valve. Based on the diagram in Fig. 1, the 
respective flow rates are defined as: 

𝑄𝑃𝑉 = {

𝑄𝑃𝑉𝑂 + 𝑄𝑃𝑉𝑟 + 𝑄𝐹𝐷           if             𝑝𝑟 − 𝑝𝑐 > 0
0                                            if             𝑝𝑟 − 𝑝𝑐 = 0
𝑄𝑃𝑉𝑂 + 𝑄𝑃𝑉𝑐                        if            𝑝𝑟 − 𝑝𝑐 < 0 

    (5) 

𝑄𝐵𝑉 = {

𝑄𝐵𝑉𝑂 + 𝑄𝐵𝑉𝑟                      if             𝑝𝑐 − 𝑝𝑔 > 0

0                                           if            𝑝𝑐 − 𝑝𝑔 = 0 

𝑄𝐵𝑉𝑂 + 𝑄𝐵𝑉𝑐                      if           𝑝𝑐 − 𝑝𝑔 < 0 

    (6) 

where 𝑝𝑔 is the gas pressure. 

The oil flow rates through the two orifice flow rates 𝑄𝑃𝑉𝑂 and 
𝑄𝐵𝑉𝑂  are modelled by means of the modified Bernoulli equation 
as follows [23, 24]: 

𝑄 = 𝑐𝑜𝐴√
2∆𝑝

𝜌
                                                        (7) 

where 𝑄 is the respective flow rate, co refers to the dynamic 
discharge coefficient; piston valve – cPVO, base valve – cBVO. 

The pressure difference ∆p is calculated as Δp = pr − pc (pis-

ton valve) or Δp = pc − pg (base valve), and ρ is the oil density.  

 
Fig. 4. Generic flow characteristic of the pressure-relief valve 

 
Fig. 5. Opening characteristic of the pilot-operated pressure-relief valve 

For the sake of clarity of the presented analysis, it is assumed 
that at high damper velocities the flows are realised by means of 
hydraulic pressure-relief valves, best characterised by the nonlin-
ear relationship Q(Δp). Modelling the behaviour of shim valves is, 
therefore, outside the scope of this study. That has been well 
described, for example, by Skačkauska et al. [24], Xu et al. [25], 
Czop et al. [26] and Farjoud and Ahmadian [27]. In this study the 
authors further employ a more simplified functional approach. In 
this manner oil flow rates through each of the four relief-valves 
can be described using the following relationships [28]: 

𝑄𝑃𝑉𝑟 =

{
0                                             if     𝑝𝑟 − 𝑝𝑐 ≤ 𝑝𝑃𝑉𝑟−𝑐𝑟𝑎𝑐𝑘
𝑔𝑃𝑉𝑟(𝑝𝑟 − 𝑝𝑐)|𝑝𝑟 − 𝑝𝑐|     if      𝑝𝑟 − 𝑝𝑐 > 𝑝𝑃𝑉𝑟−𝑐𝑟𝑎𝑐𝑘

      (8) 
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𝑄𝑃𝑉𝑐 =

{
0                                              if     𝑝𝑐 − 𝑝𝑟 ≤ 𝑝𝑃𝑉𝑐−𝑐𝑟𝑎𝑐𝑘
𝑔𝑃𝑉𝑐(𝑝𝑐 − 𝑝𝑟)|𝑝𝑐 − 𝑝𝑟|      if     𝑝𝑐 − 𝑝𝑟 > 𝑝𝑃𝑉𝑐−𝑐𝑟𝑎𝑐𝑘

      (9) 

𝑄𝐵𝑉𝑟 =

{
0                                              if     𝑝𝑔 − 𝑝𝑐 ≤ 𝑝𝐵𝑉𝑟−𝑐𝑟𝑎𝑐𝑘

𝑔𝐵𝑉𝑟(𝑝𝑔 − 𝑝𝑐)|𝑝𝑔 − 𝑝𝑐|     if     𝑝𝑔 − 𝑝𝑐 > 𝑝𝐵𝑉𝑟−𝑐𝑟𝑎𝑐𝑘
   (10) 

𝑄𝐵𝑉𝑐 =

{
0                                               if     𝑝𝑐 − 𝑝𝑔 ≤ 𝑝𝐵𝑉𝑐−𝑐𝑟𝑎𝑐𝑘

𝑔𝐵𝑉𝑐(𝑝𝑐 − 𝑝𝑔)|𝑝𝑐 − 𝑝𝑔|     if     𝑝𝑐 − 𝑝𝑔 ≤ 𝑝𝐵𝑉𝑐−𝑐𝑟𝑎𝑐𝑘
   (11) 

where gPVr, gPVc, gBVr, and gBVc are constant coefficients for defin-
ing slopes of the Q(∆p) curve as shown in Fig. 4. The pressures 
pPVr-crack, pPVc-crack, pBVr-crack, and pBVc-crack are cracking pressures of 
the pressure-relief valves in the piston assembly and the base 
valve one. Based on this approach, the flow through each valve is 
initiated only upon exceeding the specific cracking pressure. 

As shown in Fig. 3, the FD portion of the rebound valve as-
sembly includes a more complex valve which is modelled here 
with a pilot-operated pressure-relief valve. The opening of the 
valve xFD is governed by the pilot (control) pressure pctrl, the pres-
sure due to the spring pre-tension pFD-crack and the pilot differential 
pressure pmax at maximum opening as revealed in Fig. 5. Then, 
the flow rate through the FD valve can be simply described as 
follows [17]: 

𝑄𝐹𝐷 =

{
 
 

 
 
0                                            if               𝑥𝐹𝐷 = 0

𝑐𝐹𝐷𝐴𝐹𝐷(𝑥𝐹𝐷)√
2(𝑝𝑟−𝑝𝑐)

𝜌
     if       0 < 𝑥𝐹𝐷 < 1

𝑐𝐹𝐷𝐴𝐹𝐷𝑚𝑎𝑥√
2(𝑝𝑟−𝑝𝑐)

𝜌
         if              𝑥𝐹𝐷 = 1 

     (12) 

where cFD is the dynamic discharge coefficient of the FD valve, 
AFDmax is the maximum valve cross-sectional area and 
AFD = xFDAFDmax is the valve cross-sectional area due to its frac-
tional (dimensionless) valve opening xFD computed as: 

𝑥𝐹𝐷 =
𝑝𝑐𝑡𝑟𝑙+𝑝𝑐𝑟𝑎𝑐𝑘−𝑝𝑟

𝑝𝑚𝑎𝑥
                                       (13) 

The pilot pressure pctrl is calculated considering the dynamics 
of the accumulator chamber and the CO. Assuming that pctrl > 
F0a/Aa, where Aa is the accumulator’s cross-sectional area and F0a 
denotes the preload force in the accumulator (due to the spring 
preload or a precharge pressure), the flow rate into the accumula-
tor’s chamber Qa is: 

𝑄𝑎 = 𝐴𝑎𝑥𝑎̇            (14) 

where xa is the displacement of the spring-loaded piston in the 
accumulator. By balancing the forces acting on the piston the 
following equation is obtained: 

𝑝𝑐𝑡𝑟𝑙𝐴𝑎 = 𝑘𝑎𝑥𝑎            (15) 

where ka is the stiffness ratio of the accumulator’s spring. By 
differentiating Eq. (15), the following equation is obtained 

𝑝𝑐𝑡𝑟𝑙̇ 𝐴𝑎 = 𝑘𝑎𝑥𝑎̇                                                       (16) 

and combining Eqs (14) and (16) yields: 

𝑝𝑐𝑡𝑟𝑙̇ = 𝑄𝑎
𝑘𝑎

𝐴𝑎
2                                                      (17) 

It must be noted that the flow rate Qa is equal to the flow rate 
through the  orifice CO located at the inlet into the accumulator 
chamber. Applying Eq. (7) here, one obtains:  

𝑄𝑎 = 𝑐𝐶𝑂𝐴𝐶𝑂√
2(𝑝𝑟−𝑝𝑐𝑡𝑟𝑙)

𝜌
                                       (18) 

and finally: 

𝑝𝑐𝑡𝑟𝑙̇ =
𝑘𝑎

𝐴𝑎
2 𝑐𝐶𝑂𝐴𝐶𝑂√

2(𝑝𝑟−𝑝𝑐𝑡𝑟𝑙)

𝜌
                       (19) 

The variation of the gas pressure pg can be obtained by using 
the adiabatic relationship [24]: 

𝑝𝑔 = 𝑝𝑔0(
𝑉𝑔0

𝑉𝑔
)𝑛 = 𝑝𝑔0(

𝑉𝑔0

𝑉𝑔+∫ 𝑄𝐵𝑉
𝑡
0

)𝑛                       (20) 

where pg0 is the initial gas pressure, Vg is the gas volume, Vg0 is 
the initial gas volume and n is an adiabatic index. 

Finally, the force output Fdf can be expressed considering the 
pressures acting on the piston: 

𝐹𝑑𝑓 = (𝐴𝑝 − 𝐴𝑝𝑟)𝑝𝑟 − 𝐴𝑝𝑝𝑐 + 𝑝𝑔𝐴𝑝𝑟        (21) 

Given the set of Eqs (1)–(21), a mathematical model is devel-
oped in Siemens AMESim environment ver. 2022 – see Fig. 6. 
The model parameters were altered to fit the characteristics of a 
commercially available FD type damper for which experimental 
data were extracted using the test rig revealed in Section 2.3. The 
adopted model parameters are listed in Tab. 1. 

 
Fig. 6. Structure of the AMESim simulation model of the analysed  
            FD damper 

Tab. 1. Set of AMESIM model parameters 

Damper and oil parameters 

Ap [mm2] Apr [mm2] pg0 [MPa] Vg0 [m3] n [] β [Pa] ρ [kg/m3] Vr0 [dm3] Vc0 [dm3] 

1017.4 254.3 0.6 0.02 1.4 17,000 850 0.06 0.08 

Piston valve parameters 

APVO [mm2] cPVO [] gPVr [m3/s/MPa] gPVc [m3/s/MPa] pPVr-crack [MPa] pPVc-crack [MPa] 

2.2 0.99 3.8  104 1.3  103 1.52 0.12 
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Base valve parameters 

ABVO [mm2] cBVO [
] gBVr [m3/s/MPa] gBVc [m3/s/MPa] pBVr-crack [MPa] pBVc-crack [MPa] 

0.5 0.93 1.7  103 2.7  104 0.0 1.0 

FD valve parameters 

ACO [mm3] F0a [N] Aa [mm2] ka [N/mm] cCO [
] cFD [

] AFDmax [mm2] pFD-crack [MPa] pmax [MPa] 

0.16 150 397 950 0.7 0.7 5.6 0.7 0.25 

         
2.2. 2-DOF quarter car model 

A classic two degree of freedom (2-DOF) quarter car model 
(QCM) is used in order to study the effectiveness of using FD 
dampers in passenger vehicles. Such model is a common tool 
suitable for ride comfort and vehicle safety evaluation studies, 
respectively [5, 6, 11, 29]. As it is shown in Fig. 7, it consists of the 
sprung (body) and unsprung (wheel) masses connected by spring 
and damping elements. There is a spring element placed between 
the unsprung mass and the ground (road input) which represents 
the elasticity of a tire. The QCM equations of motion are then as 
follows: 

𝑀𝑤𝑧2̈ = 𝑘𝑡(𝑧2 − 𝑥0) − 𝑘𝑠(𝑧1 − 𝑧2) − 𝑐𝑠(𝑧1̇ − 𝑧2̇)          (22) 

𝑀𝑏𝑧1̈ = 𝑘𝑠(𝑧1 − 𝑧2) − 𝑐𝑠(𝑧1̇ − 𝑧2̇)           (23) 

where Mw is the mass of the wheel (kg), Mb refers to the mass of 
the vehicle body (kg), kt is the tire stiffness ratio (N/m), ks is the 
suspension spring stiffness ratio (N/m), cs denotes the damping 
coefficient (Ns/m), z1 and z2 are the displacements of the vehicle 
body and wheel, respectively, and x0 is the road input. 

 
Fig. 7. A 2-DOF QCM 

In this paper, two QCMs of the parameters presented in Tab. 
2 are studied in terms of ride comfort and safety. The values of 
Mw, Mb, kt, and ks are adopted to suit a front quarter of a vehicle of 
total weight of 2,400 kg distributed between front and rear axles 
with the ratio of 60:40 and having the body natural frequency of 
0.7 Hz. In this first scenario the authors study the performance of 
a QCM with a standard damper, whereas the second scenario 
involves the FD damper with the low frequency performance 
identical to the standard damper and FD valve parameters as 
presented in Tab. 1. The QCM models are presented in Fig. 8. 

As highlighted in Fig. 9, the reduction in the output forces is 

400 N at the frequency of 12 Hz, which in relative terms results 
in 40% degradation achieved at the velocity of v = 0.15 m/s and 
17% at the velocity of v = 1.0 m/s. 

Tab. 2. QCM parameters 

Mw [kg] Mb [kg] kt [kN/m] ks [kN/m] 

30 720 200 15 

QCM, quarter car model. 

 
Fig. 8. QC model with (a) a conventional damper, (b) a FD damper 

 
Fig. 9.   Measured performance characteristics of (a) a conventional 

(non-FD) damper, (b) a FD damper 

The QCMs were excited with stochastic ISO 8086 type road 
displacement signals. The ISO 8086 standard provides means for 
classifying road surface types depending on their quality (rough-
ness) and describes various approaches to be used in order to 
simulate specific road surface profiles. In this paper, artificial road 
profiles of the ISO classes A–B (very good), C–D (average) and 
E–F (very poor), as shown in Fig. 10, are generated using the 
method similar to the one used in Agostinacchio et al. [30]. For 
each of the generated road profiles the following three cases are 
studied varying in the vehicle horizontal velocity – 36 km/h, 72 
km/h and 108 km/h (10 m/s, 20 m/s and 30 m/s, respectively). In 
each case the driving distance is equal to 300 m. Testing the 
dynamic properties of a vehicle by means of QCM and ISO stand-
ardised profiles is an effective and proven method [14, 29, 30]. 
The selected range of road profiles and driving speeds takes into 
account the range of operating conditions to which passenger 
cars are commonly subjected [29, 30]. 
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Fig. 10. Generated road profiles for three distinct vehicle’s velocities, (a) 

A–B, (b) C–D and (c) D–E 

2.3. Damper test setup, inputs 

The damping force measurements of a commercially available 
passive FD twin-tube damper were measured using the hydraulic 
test rig shown in Fig. 11.  

The MTS stroker was equipped with a MTS 661.21A-01 force 
transducer with a capacity of 25 kN and a MTS Silentflo 505.11 
hydraulic pump capable of flow rates up to 41.5 l/min and the 

output pressures up to 207 bar. The damper was mounted in the 
rig as shown in the photograph with the bottom rigidly attached to 
the moving base, whereas the piston rod was held stationary. All 
signals (displacement, velocity, force) were acquired simultane-
ously at the sampling rate of 1 kHz. The prescribed input dis-
placement was a sinewave resulting in peak velocities up to 0.5 
m/s and the frequencies up to 15 Hz. Such testing is the industry 
standard for most shock absorbers, although specific test speeds 
depend on manufacturer requirements and suspension design. 
The test frequencies were selected to cover the range of resonant 
frequencies of sprung masses and unsprung masses of a typical 

passenger car, which are usually within the range from 1.3 Hz to 
15 Hz, respectively [1]. The experiment plan of both the laboratory 
experiments and the numerical simulations covered 75 subse-
quent test runs according to Tab. 3. 

 
Fig. 11. Test rig for damper performance measurements; 1 – PC with 

dedicated software for data acquisition, 2 – control unit,  
3 – stroker frame, 4 – hydraulic power supply, 5 – force 
transducer, 6 – upper mount, 7 – test sample, 8 – lower mount,  
9 – stroker rod (exciter). 

Tab. 3. Test plan for both simulations and rig tests; the input displacement amplitude a (mm) varies with the peak velocity v and the frequency f 

f [Hz] 

v [m/s] 
1 2 3 4 5 6 7 8 9 10 11 12 13 14 15 

0.05 8.0 4.0 2.7 2.0 1.6 1.3 1.1 1.0 0.9 0.8 0.7 0.7 0.6 0.6 0.5 

0.15 23.9 11.9 8.0 6.0 4.8 4.0 3.4 3.0 2.7 2.4 2.2 2.0 1.8 1.7 1.6 

0.25 39.8 19.9 13.3 9.9 8.0 6.6 5.7 5.0 4.4 4.0 3.6 3.3 3.1 2.8 2.7 

0.35 55.7 27.9 18.6 13.9 11.1 9.3 8.0 7.0 6.2 5.6 5.1 4.6 4.3 4.0 3.7 

0.50 79.6 39.8 26.5 19.9 15.9 13.3 11.4 9.9 8.8 8.0 7.2 6.6 6.1 5.7 5.3 

                
3. RESULTS AND DISCUSSION 

In this section the authors reveal the results of two modelling 
studies. First, the mathematical model of the FD damper is veri-
fied experimentally. Second, the QCM based analysis is carried 
out to access the influence of the FD-damper on comfort and 
safety metrics. 

3.1. FD damper model verification 

The accuracy of the model is verified by comparing the damp-
ing forces from obtained during the experiments and those in the 
simulations. The comparison is carried out in the form of static 
force–velocity plots as well as force–velocity and force–
displacement diagrams, respectively. This is a popular method of 
evaluating damper models in the literature [11, 24, 25]. 
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The obtained results are presented in Figs 12–14. In more de-
tail, Figs 12 and 13 illustrate the output of the model in the form of 
force–velocity and force–displacement plots, respectively, at three 
various excitation frequencies f = {1, 6, 12} Hz and the two peak 

velocities v = {0.25, 0.50} m/s. Finally, Fig. 14 shows the static 
force-velocity and force-frequency curves at various frequencies 
and velocities. 

 
Fig. 12. Model vs experiment, v = 0.25 m/s – (a) force vs velocity, (b) force vs displacement 

 

Fig. 13. Model vs experiment, v = 0.50 m/s – (a) force vs velocity, (b) force vs displacement 

 

Fig. 14. Model vs experiment; variation of the damping force with frequency and velocity (a) force vs velocity plot,  
(b) force falloff (force vs frequency) diagram

In order to assess the model’s accuracy in predicting the out-
put of the analysed FD damper, relative error metrics were calcu-
lated according to the equation below: 

𝛿 =
|𝐹𝑒𝑥𝑝−𝐹𝑠𝑦𝑚|

𝐹𝑒𝑥𝑝
∙ 100%                        (24) 

where Fexp and Fsym are damping force values obtained from ex-
perimental and simulation tests, respectively. The results are 
presented in Tab. 4. As shown, the mismatch varies from 0% to 
nearly 17%. It should be noted, however, that the largest error 
value is obtained at low damper velocities, where the forces are 
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small (~200 N). The average error value over the entire frequency 
range for the velocities from 0.15 m/s to 0.50 m/s is 4%. 

Our analysis of the obtained data shows that at the smallest 
input velocity of 0.05 m/s the force variation against the frequency 
is almost negligible. However, as the frequency of the input in-

creases the output forces degrade gradually by 400 N. Consider-
ing the conte  nts of Tab. 4, the best agreement at the velocities is 
obtained at the input velocities >0.05 m/s. It is also evident from 
the data that the model maintains the typical performance of a 
passive damper at the lowest frequency. This effect is the most 
distinctive feature of the FD technology, which sets them apart 
from the rest of the adaptive dampers. Due to this feature, FD 

damper application in a suspension may ensure good support for 
the vehicle body at low frequencies. On the other hand, at high 
frequencies, the damping force is built up much more slowly over 
time, so that the energy of small but frequent vibrations is not 
transferred to the body, which in turn ensures better comfort. The 
above comparison of the simulation results and the experimental 
measurements indicates a good match between the output of the 
real damper and its mathematical model. Thus, it can be conclud-
ed that the presented model accurately reflects the functionality of 
the FD type adaptive damper and can be successfully used in 
further research. 

Tab. 4. Relative error metrics 𝛿 (%): model vs experiment 

f [Hz] 

v [m] 
1 2 3 4 5 6 7 8 9 10 11 12 13 14 15 Avg 

0.05 11 9 12 9 11 12 15 13 12 13 12 13 15 17 17 13 

0.15 8 8 6 1 6 10 12 14 13 14 10 10 10 5 4 9 

0.20 2 2 4 4 6 4 6 6 6 6 6 5 4 4 4 5 

0.25 0 0 1 3 4 3 1 3 2 1 2 3 3 5 3 2 

0.35 1 0 1 1 1 0 0 0 2 4 5 5 9 8 9 3 

0.50 0 1 2 2 1 4 4 5 3 3 2 0 1 2 3 2 

Avg 3 3 4 3 4 5 6 6 6 6 5 5 6 6 6 x 

                 
3.2. Analysis of QCM output 

The definition of vehicle ride comfort refers to the unpleasant 
feelings experienced by vehicle passengers and caused by vibra-
tions. It is often evaluated by means of the weighted root-mean-
square (RMS) acceleration of the sprung mass according to the 
following equation [29, 31, 32]: 

𝑅𝑀𝑆(𝑧1̈) = √
∫ 𝑧1̈

2(𝑡)𝑑𝑡
𝑇
0

𝑇
                                       (25) 

where T is the simulation time. In order to compare damping 
effectiveness of FD damper in relation to a conventional one in 
terms of ride comfort, a reduction factor is calculated as follows: 

𝛿𝑅𝑀𝑆(𝑧1̈) = (1 −
𝑅𝑀𝑆(𝑧̈1−𝐹𝐷)

𝑅𝑀𝑆(𝑧̈1−𝐶)
)   100%        (26) 

where 𝑅𝑀𝑆(𝑧̈1−𝐹𝐷) and 𝑅𝑀𝑆(𝑧̈1−𝐶) refer to the calculated 
RMS values involving FD and conventional damper scenarios, 
respectively.  

Next, vehicle’s road holding ability directly depends on the 
tire’s ability to stay in contact with the road and to transfer both 
longitudinal and lateral forces. One commonly used indicator of 
this performance is the value of the tire normal force Ti, which 
influences the friction between the tire and the road surface. In 
this context, the aim is to obtain the highest possible force with a 
stable course. On the other hand, too much force, especially when 
dynamic overloads occur, can damage the suspension compo-
nents. In this paper, road holding indicators are calculated and 
compared in a manner similar to the ride comfort metric presented 

above. For this purpose, the variable 𝑧1̈ is replaced by Ft in the 
Eqs (25) and (26) and so the following road-holding metrics are 
obtained: 

𝑅𝑀𝑆(𝐹𝑡) = √
∫ 𝐹𝑡

2(𝑡)𝑑𝑡
𝑇
0

𝑇
                                                     (27) 

𝛿𝑅𝑀𝑆(𝐹𝑡) = (1 −
𝑅𝑀𝑆(𝐹𝑡−𝐹𝐷)

𝑅𝑀𝑆(𝐹𝑡−𝐶)
)   100%        (28) 

It should be noted that more elaborate evaluation methods ex-
ist for both ride comfort and road-holding metrics for passenger 
vehicles [30, 33–35]. However, for the purpose of this study, 
which is a preliminary research preceding more elaborated ones, 
the authors have decided to use the fundamental metrics. 

Fig. 15 highlights exemplary sections of the acceleration 𝑧1̈ 
and the force Ft in time domain, obtained for the ISO C–D road 
profile and the vehicle’s horizontal velocity of 72 km/h. Fig. 16 
presents a summary of the examined RMS metrics. 

On analysing the results, it becomes evident that an FD 
damper’s QCM is most effective when driven on middle-class 
quality roads. Note, however, that the study is limited to one spe-
cific FD damper tuning only. In the examined case up to 12% 

reduction in 𝑅𝑀𝑆(𝑧1̈) can be observed with the average impact 
of 2.7% on road holding performance. When driven on good 
quality roads, the comfort level is increased up to 7% with a negli-
gibly small impact on safety. The biggest yet still small impact of 
the FD damper on tire loads can be observed when driven on 
poor quality road of the E–F ISO class. It should be noted, how-
ever, that at high driving speeds, this effect is highly beneficial, as 
it protects the tire from overloading, as in this case the dynamic 
tire loads reach up to 150% of the tire static load. In particular, 
examining the contents of Fig. 15, it can be easily observed that 
the time history of acceleration is much smoother in the case of 
the FD-based QCM. As seen, most of the sharp peaks are re-
moved, which may be beneficial not only for the passenger’s 
comfort but also for improvement in noise/harshness; acceleration 
peaks are reduced by up to 40% (see Fig. 15 at t = 3.02 s).
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Fig. 15. Time history of (a) body vertical acceleration z1̈ and (b) tire normal force Ft: conventional damper vs FD damper; profile – ISO C–D at 72 km/h 

 
Fig. 16. RMS and δRMS metrics: (a) vehicle body acceleration z1̈, (b) tire normal force Ft

4. CONCLUSIONS 

The purpose of the present study was to provide a dynamic, 
experimentally verified, functional model of a twin-tube FD damper 
and to examine its impact on vehicle ride comfort and safety. To 
the best knowledge of the authors, the hydraulic circuit of the 
presented model of the FD damper corresponds to the existing 
solutions available on the automotive market; the model assumes 
the presence of the FD valve housed within the piston valve as-
sembly and operating on the rebound side of the piston valve in 
parallel to the main valve assembly. The developed model was 
verified experimentally across a wide range of frequencies and 
velocity inputs. It copies the essential features of FD type valving 
systems, that is, reduction of pressures with the increase of the 
excitation input frequency. The model is of functional character 
and presents the principle of operation on which the FD damper 
technologies are based. It is not design nor configuration oriented. 

Furthermore, the simulation studies conducted by means of 
simple QCM models indicate that the use of the FD damper in 
vehicles results in improved driving comfort levels with a negligible 
impact on road holding performance. Depending on the type of 

surface and driving conditions, the improvement in comfort levels 
is up to 12%, while the impact on safety does not exceed 4%. In 
all examined cases, the trade-off between comfort and safety 
favours the use of FD dampers. The improvements in comfort 
metrics are supported not only by the obtained RMS values of the 
body acceleration, but also by the fact that their peak values are 
smoothed and significantly reduced. Therefore, further improve-
ment in terms of noise and harshness are likely. It must be noted, 
however, that the research presented in this paper covers one 
specific case of a vehicle and damper and so broader research 
must be conducted in order to generalise the conclusions. 

The presented model is novel. To our knowledge, no math 
models of FD type suspension dampers capable of copying the 
damping force variation with the frequency of the excitation have 
been developed so far. The FD technology has been present on 
the automotive market for the last 20 years (mostly as aftermarket 
solutions) and it has gained the approval of the OEMs recently as 
the industry tends to seek new solutions in on-going efforts to 
meet the customer expectations in terms of comfort, handling and 
NVH using passive damping technologies. The FD dampers may 
fill in the gap between the conventional passive suspension sys-
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tems and more sophisticated state-of-the-art electronically con-
trolled real-time ones. The technology is simple yet effective and 
easy to integrate into the existing passive valve assemblies. As 
such, a model that is capable of copying the dynamic behaviour of 
such valves may be a valuable asset in the vehicle development 
work. 

Finally, the authors plan to develop a parametric model of the 
FD valve linked to the geometry of a specific FD valve concept so 
that the model can be an aid in the valve development and engi-
neering process. 
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